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Abstract: Electrohydraulic systems play a pivotal role in controlling gas turbine engines. One
of the most challenging problems in electrohydraulic control systems is modeling the non-
linearity of fluid behavior due to special shaped orifices. Previous published studies have not
treated modeling of such hydraulic systems in much detail, although they are widely used in
aircraft engines and ground vehicles equipped with gas turbine engines. Presenting a validated
model for an electrohydraulic position control system is fundamental to design and compare
the effect of different control techniques on the system behavior.

In this paper, a detailed study of a fuel based electrohydraulic position control system was
presented. This system is used in an air gas turbine engine of a ground equipment.
The system controls the engine’s air inlet guide vanes (IGV) position by means of linear
hydraulic actuator. This actuator, in turn, is controlled via contactless electrohydraulic servo
solenoid valve. A test rig was built to expedite measuring the actual system response and
controlling it. A mathematical dynamic model was derived and solved using SIMULINK, a
Matlab® application. Predicted results were compared with the experimental measured results.
The comparison showed that the most extreme difference between the measured and predicted
results was less than 5%. Therefore, the presented model could be used to design and compare
the effect of different control techniques on the system behavior for further development.

1. Introduction

Electrohydraulic control valves are widely used in many of hydraulic position control
applications [1-6]. In order to study, design and control such systems modeling of them is
strongly needed. Many approaches have been taken into consideration to model the
electrohydraulic control systems [2, 7-11]. In this study, a full dynamic model approach will be
taken into consideration to model the system. In order to validate the model, it will be compared
with the real system behavior. The specific objective of this study is to investigate the
electrohydraulic control of a gas turbine engine’s IGV on order to build a dependable
mathematical model to predict the system behavior.

2. System Description

The system under study is part of the fuel management and control system of a gas turbine
engine of a ground equipment. In this study, our interest is the Electro Hydraulic Servo Actuator
system (EHSA) which accurately controls the IGV of the engine.
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Figure (1) shows the functional scheme of the studied EHSA. The system derived by vane pump
(1) runs on diesel fuel. The pressurized fuel is pumped into a zero-lapping servo solenoid
directional control valve (4). The valve’s spool (5) movement controls the direction and the
flow rate comes out from the valve to the actuator (11). The spool movement governed by a
stroke controlled proportional solenoid (3) in contactless manner.
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1- Vane hydraulic Pump 5-DCV spool 9- Hydraulic amplifier variable nozzle
2- Rilief valve 6- Valve inlet port 10- Damping orifice

3- Proportional soleniod core 7- Hydraulic amplifier inlet port 11- Hydraulic cylinder

4-DCV with hydraulic amplifier 8- Hydraulic amplifier fixed nozzle 12- Fuel tank

Fig. (1) Scheme of the studied EHSA

The spool incorporates a hydraulic amplifier (7) controlled by the width of the gab separating
the amplifier nozzle (9) and the solenoid core (3). The hydraulic amplifier serves to convert the
small solenoid core displacement into a considerable pressure force. This force pilot controls
the spool movement.

Retraction g Extention
flow durection = Jilll.. flow direction

Fig. (2) Short tube orifice

In order to insure the required damping, in both directions, of the piston’s motion an additional
orifice (10) is added in the connecting line to the actuator’s cap side. Figure (2) illustrates the
shape of this orifice which consists of convergent, short tube, divergent orifices. This orifice
will be mentioned as the short tube orifice from now on in this article for simplification.
The piston’s rod displacement is measured using rotary variable differential transformer
(RVDT). RVDT connected by a frictionless wire and a small rotating cam to the rod tip.
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3. Dynamic Model

In this section, the governing equations for the dynamic model of the system described above
will be derived. The dynamic model will be divided into three main sections; electromagnetic
solenoid, hydraulic valve, and actuator.

3.1 Electromagnetic Solenoid
The proportional solenoid depicted in Fig. (3) is a linear traverse and limited travel DC solenoid.
It can be represented as a linear inductor (L) with a resistor in series (R). The electric parameters
of the solenoid coil were measured on zero frequency. Coil resistor is (R=10 Q) and inductance
is (L= 27.8 mH). The voltage/current relationship can be derived by equation (1). For small

displacement, the inductance rate of change is tiny so it can be neglected as in equation (2).
. dL

8 di
Vi=VR+VL=¢R+L_d—;+lE 1)
Vi= iR+L% @)
The current force relationship mentioned in [8] can be described as a linear equation between
the magnetic force effects the solenoid core and the current passes through its coil. The
proportionality factor (ksi) is the current-force gain, N/A.

Fy = kg =i (3)

- contactless hyvdraulic amplifier 5- permenant magnet
- air gap 6- spring

- soleniod core 7- spacer

- armature winding

bW

Fig. (3) Proportional solenoid

In other hand equation of motion of the solenoid can be described according to Newton’s 2"
law in equation

mcxg:FM+Fp+Fseat_Wc_kc(xc'i'xco)_fcxé 4)
where (M, X, We, Ke, fe, Xco, Fm, Fp, Fseat ) are the solenoid mass, displacement, weight, spring
stiffness, damping coefficient, spring initial compression, and (magnetic, pressure, and seat
reaction) forces affecting the solenoid core correspondingly.

szvasc':Pv*%dzc )
0 x>0

F = { / ¢ 6

204 = Uhygqe * el + freqe * i X <0 ©

where (Py, Asc, Kseat, fseat ) are the amplifier pressure, solenoid core’s area, seat equivalent
stiffness, and damping coefficient.

The solenoid used in the present application have been studied before by Metwally [12]. He has

deduced the solenoid model into a second order system to estimate solenoid parameters. By

using a trial and error approach and a long iteration process he got the solenoid parameters that

give the best fit as follows: m¢ =0.02 kg  kc = 37500 N.m fc =30 kg/s  ksi = 50.
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3.2 Electro Hydraulic Valve
In this section the flow equations through the valve, continuity equation, and equation of motion

of the spool have been derived.

Fig. (4) Hydraulic amplifier

Fuel flow rates through the two restrictions, of the hydraulic amplifier shown in Fig. (4), are

given by:
Q1= Cq A4 ’%(P1—Pv) (7)
Q2= CaAy [2(P,— Py) ®

Ay=,df  A,=mxgap  gap = (X; + X —X) 9
where (Q1, A1, Q2, An, Xi, P1, Po, p, Cq, Xs) are the amplifier inlet port flow rate and area, the
amplifier variable nozzle flow rate and area, the initial gap between solenoid and spool, valve
supply and return pressures, fuel density, discharge coefficient, and spool displacement.

The continuity equation applied to hydraulic amplifier chamber, neglecting hydraulic losses in
amplifier bore, could be written as:

Q- Q+ A, Ti= Tt Ch (10)
As = 7 (D}~ D}) (11)

Where (As, Vo, B ) are valve spool cross sectional area, initial volume, and Bulk’s modulus.
The motion of the spool is governed by the following equation of motion, neglecting the static
friction force:

msxg = Py A, — Py, x (As + Ay) — fsx;_Fsseat_Fj_ W (12)
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The spool displacement is limited mechanically by a limiter at the end of its stroke on both

sides. When reaching any of the side limiters the seat reaction develops a counter force, Fsseat,
given by equation (13)Error! Reference source not found..

!
kseat * (xs - xsmin) + fseat * Xg Xg < Xsmin
Fssear = 0 Xsmin < Xs < Xsmax (13)
!
kseat * (xs - xsmax) + fseat * Xg Xs = Xsmax

As a result of fluid flow, a jet reaction force, Fj, equal to the rate of change of the momentum
of the fluid is generated [13] equation (14). Also, because of the vertical position of the valve,
weight of the spool effects its displacement as described by equation (15).

«02 «02
o x>0
p:0y 4 P04 x:, <0
CAp C.Aq4 s
Ws = m; g (15)

where (ms, Ar, A2, fs, Fj, Fsseat, Ws, Xsmin, Xsmax, Cc) are the spool’s mass, the rear cap and nozzle
bore areas, the spool damping coefficient, the jet reaction and the seat reaction forces, the
spool’s weight, the spool’s minimum and maximum displacement limits, and the contraction
coefficient.

where (Qa, Qb, Qc, Qu, Aa, Ab, Ac, Ag) are ports openings (a, b, ¢ & d) flow rates and areas.

Neglecting the losses through the transmission lines, which connect the valve to the actuator,
the flow rates through the valve restriction areas are given by:

Qo= Cada |>(Px~ Po) (16)
Q= CqAy /IZ—I(P1 ~ P,) (17)
Qc = CaAc 2Py — Py) (18)
Qa= CqAy /f—](PB — Py) (19)
Qun = Cadu [2(Px— P (20)

The valve restriction areas can be classified into radial clearance area and port opening area.
The radial clearance area is calculated in equation (21). The port opening area, as illustrated in
Fig. (5), can be described by equations (22) & (23).

((Aqg = A, =A,. =1 (Dg+ C)C
x>0
Ab = Ad = Axs + Arc
Aa,b,c,d =9 (21)
A, =4, = Axs + A,
x, <0
\ \Ap =44 = Ay
Axs = 4« Axslp (22)
A, |, = 15+ cos™! (r,,;_|x5|) — (rp — |xs]) * JZ * Ty % |Xg| — X2 (23)
14
A = 7 dfy (24)

where (Px, Pa, Ps, I'p, Ath, Arc, Axs, Axs|p) are the throttle, cap side and rod side pressures and the
port radius, the throttle orifice and radial clearance areas, the area of all ports opening, and the
area of single port opening.
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By applying the continuity equation on the valve outlet neglecting the external leakage,
equations (25) & (26) were obtained.

Eg=

7 \ /

Sector Area N . P 7
Triangle Area T

@ Segment Area

Fig. (5) Description of valve’s port opening area calculation

Q—Q—Qu= 2P (25)
Q. —Qu+Qs=0 (26)

where (Vx, Qg) are the throttle volume and flow rate at valve outlet on the actuator’s rod side.

3.3 Electro Hydraulic Servo Actuator
The electrohydraulic valve controls the piston’s movement both its direction and rate, in order
to maintain accurate position control. To study the piston response to the fuel flow rate delivered
by the valve, the continuity equation of the actuator as well as the equation of motion of the
piston was discussed as follows.

Applying the continuity equation to the cylinder chamber considering the internal leakage and

neglecting the external leakage, equations (27, 28, 29 were obtained.
PA_PB VB—AB*Y ﬂ

dy
Ag P R Qg = B ” (27)
dy PA—PB _ VA— AA*Y dﬂ
Qu— A Gy — A8 = B (28)
T T
AAzz*DEl ABzz(Dﬁ_DIZ;) (29)

where (Va, Vg, Aa, A, Ri, Y) are the actuator’s cap and rod side initial volumes, the piston’s cap
and rod side areas, the internal leakage resistance and the actuator’s displacement.

The motion of the piston under the action of pressure difference, viscous friction, inertia,
external forces, and its own weight was described by equation (30). In addition, the seat reaction
force, due to mechanical limitation, was taken into consideration equation (31).

mpY”:PAAA_PBAB_pr’_FAseat_Fload-l'Wp (30)
Keeat * Y + fsear * Y’ Y<o0

Fpsear = 10 0<Y <Y (31)
kseat * (Y - Ymax) + fseat * Y’ Y > Ymax

W,=m,x*g (32)
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where (fp, Faseat, Fioad, Mp, Wp, Ymax) are the actuator’s damping coefficient, seat reaction and
load forces, the piston’s mass, weight and stroke.

The short tube orifice Fig. (2) has a nonlinear discharge coefficient, equation (20), depends on
Reynolds’s number [13], which in turn depends on fluid speed, which is very hard to be
measured. In this case, the orifice was treated as a sharp edge orifice with discharge coefficient
of (0.6) then the whole model solved using SIMULINK for a different step inputs.

4. Experimental Work

In order to measure the system response a test
rig has been built, as shown in figure. The test
rig consists of a bench with fuel tank, fuel
water separator, two filtering units, and the
main  fuel consol. The pump, the
electrohydraulic valve and the RVDT
contained in the main fuel consol. The system
is driven by an AC motor with invertor t0
control the motor speed. An electronic circuit
was designed to help expedite measuring and
controlling the system. The measurements
were made using a DAQ (NI PCle/PXle-6363)
and an interface program designed for this
purpose on LabVIEW.

The system response for different step inputs was measured and compared with the predicted
one as shown in Fig. (6). The left graph represents the actuator displacement to a step input of
7 volts, while the right one represents the displacement responded to step input of 8 V. the x-
axis in both graphs represents time in (seconds). The left y-axis in each graph represents
actuator displacement in (mm), while the right y-axis in each graph represents solenoid step
input in (volts).

________________________________________

Actuator displacement (mm)
s & 8 w8 8 8 & 4 B @
put signal (V)
wator aispiacement (mm)
™

35 3 ED 0 i B 5 5 s
Time (s) Time (5)

Fig (6) Comparing predicted and measured response for different step inputs

The illustrated response in Fig (6) shows that the predicted results are close to the measured
results for some step inputs and too far for others.

In order to correct the assumption of short tube discharge coefficient, the average velocity of
the piston has to be studied. Figure (7) shows a comparison between experimental and predicted
average velocity of the piston. The experimental and predicted velocity carves are not similar,
but approximately met at step inputs 8.5 V and 2.5 V which are 3 V away from the null input
(5.5 V). The extension response (above 5.5 V) is faster than the retraction response (less 5.5 V)
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in both measured and predicted results because of the effect of piston weight and different
piston areas proposed to the fluid pressure. A variable discharge coefficient values for short
tube orifice has been estimated in both the extension and the retraction directions of the piston’s
movement iteratively. Figure (8) shows the estimated discharge coefficient values on y-axes
(dimensionless) against absolute spool position on x-axes (mm) for both piston’s movement
directions, extension (doted) and retraction (dashed).

The estimated discharge coefficient values were integrated into the mathematical model in
SIMULINK and solved again for different step inputs. The resultant predicted behavior of the
system and its comparison with the measurements is depicted in the following figures.
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Fig (7) Comparing experimental and predicted average
velocity for the same step inputs
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Fig (8) Estimated discharge coefficients for short tube
orifice in both extension and retraction directions
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Fig (9) Measured vs. Simulated response to (8V) stepinput (piston extention)

o o
o O

Actuator displacement (mm)
o wm b =8 B8 &S S

on
o

M.easured 11
------ Simulated
Step Input 10
‘9
P e
? C—
&
& D
 ®
N
4 &
3
2
“”‘H“@ 1
2 25 3 35 4 45 5
time (s)

Fig (10) Measured vs. Simulated response to (3V) stepinput (piston retraction)

Figures (9) and (10) show a comparison between experimental and predicted system response
for step inputs of 8 & 3 volts respectively. The x-axis in both graphs represents time in
(seconds). The left y-axis in both graphs represents actuator displacement in (mm), while the
right y-axis in each graph represents solenoid step input in (volts). Figure (9) compares the
experimental and the predicted actuator’s displacement in extension direction of the piston
while Fig. (10) compares the same for piston’s retraction. The results show good match between
experimental and predicted behavior of the system. The maximum difference between predicted
and measured displacement is less than 3 % of the full stroke.
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5. Conclusion

Accordingly, the mathematical dynamic model represented in this paper and it’s simulation on
SIMULINK can be considered as a validated model for the described system. Furthermore, it
can be used to design and compare the effect of different control techniques on the system
behavior for further development.
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